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ABSTRACT

A mathematical engine model is developed in this thesis to study the operation
process in Homogeneous Charge Compression Ignition (HCCI) engines.
Ethanol, an alternative fuel, is chosen for testing in this model. Two-step
reaction mechanisms are implemented to model combustion process for which
Arrhenius reaction rates are used. The simulation results are then compared
with experimental data from a modified heavy-duty diesel engine. Results from
this model show good correlation with experiment with respect to combustion
phasing, pressure rise and peak pressure. Based on this model, a controller
could be synthesized to keep HCCI ignition at a minimum advance for best
torque value under static and dynamic conditions, unaffected under process
noise such as varying temperature, pressure, etc.
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Chapter 1
Introduction

1.1 Motivation
Vehicle emissions are major contribution to air pollution. In urban areas,
vehicles produce up to three-quarters of the pollutants that form smog. The
result of harmful effect of emissions, possible climate changes and the
depletion o f natural resources, can easily be found in literature. The
progressively more stringent emission legislation to be introduced in the near
future put high pressure on automobile manufacturers, as these future emission
limits for species, such as C 0 2, CO, unburned hydrocarbons (HC), NOx and
particulate matter, pose serious demand for cleaner vehicles.

The work described in this thesis is part of the research project D01-DAF
supported by NCE-Auto21. The main objective of this project is to improve
energy conversion efficiency and reduce exhaust emissions through the
development o f high compression ratio engines with reforming process.

While a wide variety o f combustion engine types can be found, this work
concentrates

on

Homogeneous

Charge

Compression

Ignition

(HCCI)

combustion; the process which only recently became the subject of intense
study for its high efficiency and low emissions. Presently, several problems are

1
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still blocking the road to successful integration of the HCCI concept in
automotive applications. The most important problem among them is the
difficulty to control the auto-ignition timing and the energy releasing rate. As
the mixture in the cylinder is premixed and no spark plug is used, the chemical
processes determine the onset of auto-ignition, as well as the fuel burning rate.

The aim o f this research work is to develop a control-oriented model that could
be applied to predict the in-cylinder processes in HCCI combustion engines. It
is further argued that this model could be used to solve the combustion control
problem at the next step.

2
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1.2 Homogeneous Charge Compression Ignition Engines
Modem combustion engines are mainly of two types, the Otto (Spark-Ignition,
or SI) engine and the Diesel (Compression-Ignition, or Cl) engine. The Otto
engine often runs on gasoline fuel with a nearly homogeneous charge. When
the charge is compressed close to Top Dead Center (TDC), a spark ignites the
air/fuel mixture. The combustion process usually starts near the center of the
cylinder, after which the flame travels towards the cylinder walls. The throttle
that is used in a SI engine for controlling air mass flow into the engine causes
pumping losses and reduction of efficiency. Unbumed Hydrocarbon and CO
characterize the SI combustion process. Diesel engines operate at higher
compression ratios than SI engines. In this type of engines, varying the amount
of diesel fuel injected into the cylinder controls the load. Instead of ignition by
a spark plug, the air-fuel mixture self-ignites due to compression. The process,
which occurs from the moment the liquid fuel leaves the injector nozzles to the
moment the fuel starts to bum, is complicated. Together with NOx, the
emission o f soot characterizes the diesel combustion process.

Homogeneous

Charge

Compression Ignition (HCCI) is an alternative

piston-engine combustion process that can provide efficiencies as high as
direct-injection diesel engines while, unlike diesel engines, producing ultra-low
oxides o f nitrogen (NOx) and particulate matter emissions. HCCI engines
operate on the principle o f having a diluted and premixed charge that reacts and

3
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bums volumetrically when the cylinder is compressed by the piston. In some
regards, HCCI incorporates the best features of both spark ignition and
compression ignition. As in an SI engine, the charge is well mixed, which
minimizes particulate emissions, and as in a Cl engines, the charge is
compression ignited so there is no throttling losses, which leads to higher
efficiency o f HCCI engines. However, unlike either of those conventional
engines, the combustion occurs simultaneously throughout the volume rather
than in a flame front. With very lean mixture, HCCI allows combustion to
occur at a much lower temperature, dramatically reducing engine-out emission
of NOx.

Most engines employing HCCI to date have dual mode combustion systems in
which traditional SI or Cl combustion is used for operating conditions where
HCCI operation is more difficult. Typically, the engine is cold-started as an SI
or Cl engine, then switched to HCCI mode for idle and low- or mid-load
operation to obtain the benefits of HCCI in this regime, which comprises a
large portion o f typical automotive driving cycles. For high-load operation, the
engine would again be switched to SI or Cl operation.

4
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1.3 Challenges for Developing Practical HCCI Engines
Significant improvement is necessary before an HCCI engine could compete
with SI and Cl engines. The following describes the most significant challenges
for developing a usable HCCI engine.
• Ignition timing control over a broad range of speeds and loads.
• Extending operating window for HCCI operation (load and engine speed).
• Improving cold-start capability.
• Decreasing hydrocarbon and carbon monoxide emissions.

Expanding the controlled operation of an HCCI engine over a wide range of
speeds and loads is probably the most difficult hurdle facing HCCI engines.
HCCI ignition is determined by the charge mixture composition and its
temperature history (and, to a less extent, its pressure history). Changing the
power output o f an HCCI engine requires change in the fuel injection rate and,
hence, the charge mixture. As a result, the temperature history must be adjusted
to maintain proper combustion timing. Similarly, changing the engine speed
changes the time required for the auto-ignition chemical reaction to occur
corresponding to piston motion. Again, the temperature history of the mixture
must be adjusted to maintain proper combustion timing. These control issues
become particularly challenging during rapid transients.

The aim o f this work is to develop a model to predict HCCI combustion

5
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phasing. The model could then be used for HCCI combustion control research,
such as Variable Compression Ratio (VCR) and Variable Valve Timing (VVT)
control design. For this reason, a brief overview of several potential control
methods o f HCCI combustion is presented in this section.

• Variable Compression Ratio (VCR)
HCCI combustion is strongly affected by the compression ratio of the engine.
Therefore, a VCR engine has the potential to achieve satisfactory operation in
HCCI mode over a wide range of conditions because the compression ratio can
be adjusted as the operating conditions change. Several options have been
studied to obtain VCR engines. One option is to mount a plunger in the cylinder
head whose position can be varied to change the compression ratio [Christensen
et al. 1999]. The compression ratio could also be varied by using an
opposed-piston engine design having variable phase-shifting between the two
crankshafts [Flynn et al. 1999]. SAAB also announced the development of
another method that is based on a hinged and tilted cylinder arrangement
[Sharke 2000].

• Variable Valve Timing (W T )
W T can be used to change the trapped compression ratio o f the engine (i.e.,
the compression ratio after gases are trapped by intake-valve closure), and
therefore W T can achieve a similar effect on HCCI combustion as VCR. An

6
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engine could be built with a high geometric compression ratio, while lower
trapped compression-ratios being obtained by delaying the closing time of the
intake valve during the compression stroke. Engines with W T have an
additional benefit o f allowing change in temperature and composition of the
incoming charge by retaining hot residual gases from the previous cycle in the
cylinder.

Recently,

researchers

at

Stanford

University,

using

an

electro-hydraulic W T system, have shown that HCCI combustion can be
induced in an engine with a relatively low (10:1) compression ratio [Kaahaaina
et al. 2001]. They also showed that the W T system could be used to control
combustion timing and to switch between SI and HCCI operation from one
cycle to the next.

• Ignition-enhancing additives
HCCI engine control could be achieved by using two fuels with different octane
ratings. The system could be designed to have a main fuel with a high octane
number, while the secondary fuel, with a low octane number, is injected as
needed to advance combustion. This procedure was studied for a combination
of methane and dimethyl-ether (DME) [Flowers et al. 1999].

• Thermal control
The possibility also exists to control HCCI combustion by controlling the
temperature, pressure, and composition of the mixture at the beginning of the

7
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compression stroke. In this method, thermal energy from exhaust gas
recirculation (EGR) and compression work from a supercharger are adjusted to
obtain satisfactory combustion [Frias et al. 2000].

1.4 Approaches for Modeling HCCI Engines
The absence o f a ‘natural’ ignition control mechanism for HCCI engines has led
researchers

to

exploring feasible

control

strategies.

Performing these

explorations solely in experiments would be inefficient and expensive since
there are many variables that exhibit complex interactions. Rather, the control
problem must be tackled using a suite of modeling tools to understand the
process [Zhao et al., 2003].

In recent years, models of variable resolution

have been developed as a means to understand the fundamental concepts
underlying HCCI ignition and combustion in real engine geometries. These
models, depending on their intended application, have been developed using
different descriptions o f the physical-chemical phenomena that occur inside
HCCI engine cylinders. Underlying the differences among approaches lies the
nearly prohibitive current computational cost of a yet-to-be exercised “perfect”
model, which would include both high-resolution, three-dimensional fluid
mechanics and detailed chemical kinetics. As a result, modelers have taken
different routes emphasizing the particular area of interest to them, while
making judicious approximations in other areas.

8
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The

simplest

approach

to

model

HCCI

follows

a

thermo-kinetic,

zero-dimensional formulation in a single homogeneous zone. Najt and Foster
[1983] first developed this type of model to help analyze experiment work on a
premixed-charge, compression-ignited CFR engine. Recent examples of
zero-dimensional models use more sophisticated and detailed chemical kinetics
[e.g., Smith et al. 1997; Christensen & Johansson 1998; Wong & Karim 2000;
Dec 2002]. In general, these models have been successful in exploring the
effects o f fuel composition, compression ratio, A/F ratio, EGR rates and other
operating parameters, as well as the lean limits of HCCI operation. In most
cases, these models do not calculate the dynamic breathing process, but instead
rely on idealized charging calculations or estimates made from experiments to
define the initial conditions at the start of compression.

Fiveland and Assanis [2000] and Ogink and Golovitchev [2001] have combined
the single zone approach with existing zero-dimensional engine models to
provide accurate estimates of the effects of the gas exchange process and have
used the resulting simulations to evaluate unconventional engine concepts or
variable valve timing strategies. However, most of these models involve either
detailed chemical kinetics or high order equations, which make it difficult to
synthesize controllers based on them. For special attention paid to combustion
phasing, a simplified HCCI engine model is necessary to synthesize a controller
to stabilize HCCI combustion. Shaver et al. [2003] developed a HCCI engine

9
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model with simplified combustion mechanisms to investigate control strategies.
However, heat transfer effects are assumed to have no implications with this
model.

Besides single-zone models, other sophisticated and comprehensive HCCI
engine models have also been developed in recent years. For example, in an
effort to overcome the shortcomings of the zero-dimensional, single-zone
approach, several authors have added computational zones corresponding to
different physical regions in the chamber [Noda et al. 2001]. In order to obtain
some o f the zonal resolution afforded by CFD models and yet reduce the
computational time required by detailed kinetics calculations, a segregated,
sequential multi-zone modeling approach has been developed [Aceves et al.
2000, 2001]. In an effort to include the best representation of both fluid flow
and chemical kinetics, attempts have been made to use three-dimensional
computational fluid dynamic (CFD) models coupled directly with chemical
kinetics to study compression ignition under HCCI-like conditions [Miyamoto
et al. 1999; Kong & Reifs 2002]. Each of HCCI modeling approaches above
uses a detailed chemical kinetic solution scheme coupled to models that vary in
thermal and flow resolution.

The evolution o f chemical reaction can, in principle, be solved accurately if a
chemical mechanism for the combustion of fuel is available. In practice, a

10
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number o f difficulties are encountered when trying to accomplish this. Current
computing

capability

makes

it

possible

to

simulate

homogeneous

chemically-reacting systems (at the cost of computing time), but detailed
chemical kinetic calculations coupled with CFD simulations of chemically
reacting flows are still unrealistic as the basis for a parametric simulation tool
[Zhao et al. 2003]. Therefore, it is unrealistic to synthesize controllers based on
these complicated models to control HCCI combustion for application.

1.5 Ethanol as An Alternative Fuel
The search for economical alternatives to gasoline and diesel fuel has been
ongoing ever since the finite nature of petroleum reserves was first recognized.
A large amount o f research has been performed to investigate the impact of
fuels on HCCI combustion and engine performance. The US Department of
Energy currently recognizes the following as alternative fuels: compressed
natural gas (CNG), liquefied natural gas (LNG), liquefied petroleum gas (LPG),
methanol, ethanol, bio-diesel and hydrogen [Stravinoha et al. 2000].

While the usage o f oxygenated compounds in gasoline started in the 1920s, the
broad adoption o f oxygenated compounds was happening until 1970s when the
crude oil prices increased rapidly. Alcohols that are blended into gasoline could
result in methanol, ethanol, iso-propanol, and t-butanol. Due to the cost of

li
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large-scale production o f the alcohol fuels only ethanol and methanol are
suitable as commercialized neat alternative fuels. Alcohols could be
manufactured from resources readily available and distributed around the globe.
They could also be produced from renewable resources (bio-ethanol), such as,
fermentation o f agricultural products.

Both ethanol and methanol exhibit good HCCI combustion characteristics.
Alcohols have demonstrated a widening of the HCCI operating regime in both
two- and four-stroke engines when compared to gasoline and PRF fuels: the
performance o f methanol, ethanol, PRF 95 and a fully-blended gasoline in
HCCI combustion were compared by Oakley et al. [2001]. In order to clearly
distinguish the chemical effects of the fuels on HCCI combustion, the
experiments were performed at a constant engine speed of 1500 rev/min and a
fixed intake charge temperature of 320°C. The EGR levels and A/F ratios were
varied over wide ranges to determine the stable HCCI operating regime. It was
found that both ethanol and methanol could be operated over a wider range of
air/fuel equivalence ratios and EGR levels than either gasoline or the PRF fuel.
The highest amount o f EGR that gasoline could tolerate was 60%, while the
alcohol fuels could be operated with EGR levels approaching 80%. The effect
of supercharged HCCI combustion of ethanol was investigated in a diesel
engine with different compression ratios [Christensen et al. 1998, Christensen
& Johansson 1998], When the intake manifold pressure was boosted from 1 bar
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to 2 bar the intake temperature required to maintain optimal combustion
phasing was reduced from 100°C to 40°C.

One major disadvantage of ethanol fuels for HCCI engines, however, is poor
cold startability. This is due to the fuel’s low vapor pressure and high latent
heat o f vaporization. The use of hydrogen to supplement the fuel has been
verified to greatly improve the cold start of alcohol fuels. Hydrogen does not
need to be vaporized, and the higher flame speed and low minimum ignition
energy help in rapid initiation of stable and self-sustaining flame. Davis et al.
(2002) pointed out that using hydrogen reformation of E85 (85% ethanol and
15%

gasoline)

could

provide

promising

improvements

in

cold-start

performance o f an E85 fueled engine. Using variable valve timing and
multi-fuel injection to achieve internal reformation and residual-affected
combustion in HCCI engines is now under investigation within the research
project D01-DAF o f NCE-Auto21 at University of Windsor.

13
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1.6 Organization of This Thesis
In Chapter 1, we introduce concepts, benefits and challenges o f HCCI engines.
Some control strategies, as well as a few different HCCI engine modeling
approaches are also introduced in the first chapter. Some preliminary methods
are given in Chapter 2. In Chapter 3, a series of mathematical equations will be
applied to model an HCCI engine operation. Chapter 4 will focus on analysis of
simulation results for the model developed in Chapter 3. Comparison of
simulated results and experimental data will also be presented in this chapter.
Conclusions and recommendations are summarized in Chapter 5. Unless
specified, all o f units used in this thesis are SI units.

14
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Chapter 2
Preliminary

2.1 The First Law of Thermodynamics for An Open System
For any system, energy transfer is associated with mass and energy crossing the
control boundary, external work and/or heat crossing the boundary, and the
change o f stored energy within the control volume. The mass flow of fluid is
associated with the kinetic, potential, internal, and “flow” energies that affect
the overall energy balance of the system. The exchange of external work and/or
heat completes the energy balance.

The first law o f thermodynamics is referred to as the conservation of energy
principle, meaning that energy can neither be created nor destroyed, but rather
transformed into various forms as the fluid within the control volume is being
studied. The energy balance spoken of here is maintained within the system
being studied. The system is a region in space (control volume) through which
the fluid passes. The various energies associated with the fluid are then
observed as they cross the boundaries of the system and the balance is made.

A system may be one o f three types: isolated, closed, or open. The open system,
the most general o f the three, indicates that mass, heat, and external work are
allowed to cross the control boundary. The balance is expressed in words as: all
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energies into the system are equal to all energies leaving the system plus the
change in storage o f energies within the system. Recall that energy in
thermodynamic systems is composed of kinetic energy, potential energy,
internal energy, and flow energy, as well as heat

and work processes.The

energy balance for an open system (control volume) can be described as
follows.
E = Q -W + E/w(m + pv + ke + p e ) - £ m(u + pv + ke + pe) ,
in

v

7

out

v

7

(2.1.1)

where E is the energy change rate in the system,
Q is the heat flow into the system,
W is the work flow out of the system,
m is the mass flow rate,
u is the specific internal energy,
pv is the specific flow energy,
ke is the specific kinetic energy,
pe is the specific potential energy.
If the enthalpy is introduced, Equation 2.1.1 can be changed to
E —Q -W + 'Lm(h + ke + pe) - £ m(h + ke + pe),
in

v

7

out

v

7

(2.1.2)

where
h is the specific enthalpy (= u + p v ).
Further, if kinetic and potential energy, which are very small comparing with
internal energy, are omitted, the following energy balance equation is obtained:
E = Q -W + 'Lmh-'Lnih.
in

out

(2.1.3)

16

R ep ro d u ced with p erm ission o f th e copyright ow ner. Further reproduction prohibited w ithout perm ission.

2.2 Fluid Flow through A Restriction
Fluid flow through a restriction or reduction in flow area is usually related to an
equivalent ideal flow. The equivalent ideal flow is the steady adiabatic
reversible (frictionless) flow of an ideal fluid through a duct of identical
geometry and dimensions. For a real fluid flow, the departures form the ideal

Throat

po ideal

P

Figure 2.1 Pressure distribution for gas flow through a nozzle
[Heywood 1988],
assumptions listed above are taken into account by introducing a discharge
coefficient CD, where
n _ actual mass flow
ideal mass flow

WQ

i

Consider the flow o f an ideal gas with constant specific heats through the duct
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shown in Figure 2.1. For the ideal flow, the stagnation temperature and pressure,
To and p 0, are related to the conditions at other locations in the duct by the
steady flow energy equation
T0 =T +

V2
2 c„

where cp is the specific heat at constant pressure, V is the velocity, and the
isentropic relation
'

t

'

Jo,

f

\
p

U oJ

where y is the ratio o f specific heats.

By introducing the Mach number M = V /a , where a is the sound speed
(= ^JyRT), the following equations are obtained:
^ = 1 + ^ -![-M 2 ,
T
2

( 2 .2 . 1)

ElL
P

( 2 .2 .2)

The mass flow rate m is
m = pA V .
With the ideal gas law and the above relations for p and T , this can be
rearranged into

=rM( l+z p Ml
M

\

2

(2.2.3)

or
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r

m,ideal

1/2

\4r

p_
\P o j

y -1

1-

P_
\Po j

(2.2.4)

For given values o f p$ and T0, the maximum mass flow occurs when the
velocity at the minimum area or throat equals the velocity o f sound. This
condition is called choked or critical flow. When the flow is choked the
pressure at the throat, p j, is related to the corresponding stagnation pressure p Q
as follows:
r

Pt_
Po

2

vAr-1)

y +l

The ratio is called the critical pressure ratio. For (pT/ p0) less than or equal to
the critical pressure ratio,

AtP0

■= r

( 2
7 +1

(2.2.5)

The critical pressure ratio is 0.528 for y = 1.4 and 0.546 for y = l 3 .

For a real gas flow, the discharge coefficient is introduced. Then, for
sub-critical flow, the real mass flow rate is given in terms of conditions at the
minimum area or throat by

mreal

/ \
CD-^rP0 Pr /r
W o I aJ

f \
2y
1- Pt
y- 1
U oJ

( 2 .2 . 6 )

For a choked flow,
m.real

CpA-Po
W

{ y +l j

(2.2.7)
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2.3 Arrehenius Form
Most elementary reactions of interest in combustion are bimolecular; that is,
two molecules collide and react to form two different molecules. For an
arbitrary bimolecular reaction, this is expressed as
A + B ^ C + D.
The total number o f collisions per unit volume and per unit time between
molecules is obtained by multiplying the collision frequency of a single A
molecule by the number of A molecules per unit volume, and using the
appropriate mean molecular speeds [Turns 2000], i.e.,

Z j V =(«AlV)(>hly)*°l« i? 1A + vlT

where, kB is Boltzmann constant,
M=

m,mR
,
mA+mB

T is absolute temperature,
<
tab is the sum of diameters of molecules A and B (= oa +<j b),
v is the mean molecular speed.

The rate at which the reaction proceeds is

where NAV is the Avogadro number (6.022x1026molecules/ kmol},
P is the collision probability.
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The probability that a collision leads to reaction, P, can be expressed as a
product o f two factors: an energy factor, [~Ea /R uT] , where EA is the
activation energy; and a geometrical factor, p. So the reactions rate can be
expressed
d[A]_
dt

■pNAv<JAB

fo8 7tkBT
l
“ P K ./V M 4

The bimolecular rate coefficient is defined
k(T) = pNAVa

8nkaT

exp[-EA/R uT ] .

The bimolecular rate coefficient can be simplified by three-parameter Arrhenius
functional form
k(T) = ATnexp[-EA/RllT] ,
where A is a constant termed the pre-exponential factor.

If the temperature range of interest is not too great, the bimolecular rate
coefficient can be approximated to
k(T) = A e x p [ - E j X , T ] .
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2.4 Simplified Reaction Mechanisms
The use o f simplified reaction mechanisms in describing flame properties for
hydrocarbon/air mixtures can be traced to the work of Zeldovich and
Frank-Kamenetsky [1938] and Semenov [1942]. Some very significant
achievements using them were reported [Simon 1951; Walker & Wright 1952],
In recent years, however, many combustion problems have arisen that require a
time-dependent kinetics formulation which can be coupled with a fluid
mechanics model to predict and evaluate overall system performance.

Although the single-step mechanism was verified to predict flame speeds
reliably over considerable ranges of conditions, it has several flaws which can
be important in certain applications. By assuming that the reaction products are
C02 and H20 , the total heat of reaction is over-predicted. At adiabatic flame
temperatures typical o f hydrocarbon fuels (-2000 K) substantial amounts of
CO and H2 exist in equilibrium in the combustion products with C02 and
H20 . The same is true to a lesser extent with other species, including some of
the important free radical species such as H , O, and O H . This equilibrium
lowers the total heat of reaction and the adiabatic flame temperature below the
values predicted by the single-step mechanism. Westbrook and Dryer [1981]
illustrated in Table 2.1 the magnitude of this effect in the case of methane-air
mixtures, for which detailed reaction mechanism exists, showing the predicted
adiabatic flame temperatures from the detailed mechanism together with those
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obtained using the single-step and two-step models. Also shown are the
bumed-gas

equilibrium

[ C 0 \ / [ C 0 2 ] and [ H 2 ]/[A/zO]

ratios

from

the

detailed

model

for

. The overestimate of adiabatic flame temperature

by the single-step mechanism increases with increasing fuel/air equivalence
ratio

and is directly related to the amounts of

<j>

CO

and

H2

in the reaction

products.

Table 2.1 Burned gas properties in methane-air mixtures, computed using
detailed single-step and two-step reaction mechanisms
Detailed mechanism

One-step

Two-step

mechanism mechanism
$

Tad

[co]/[co2\

[ h 2] / [ h 2o ]

Tad

Tad

[co]/[co2]

0.8

1990

0.03

0.005

2017

1975

0.08

1.0

2220

0.11

0.02

2320

2250

0.14

1.2

2140

0.69

0.15

2260

2200

0.43

In addition to the fact that the burned gas contains these incompletely oxidized
species, it is also well recognized that typical hydrocarbons bum in a sequential
manner. That is, the fuel is partially oxidized to

CO

and H 2 , which are not

appreciably consumed until all of the hydrocarbon species have disappeared
[Dryer & Westbrook 1979].
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To predict flame properties for hydrocarbon-air mixtures, Westbrook and Dryer
[1981] derived two-step reaction mechanisms with hydrocarbon fuels as below,
which account for the effects of incomplete conversion to CO 2 and H2 O, and
include qualitatively the sequential nature of the hydrocarbon oxidation.
C„Hm+

tYl
r n j- - - -m''
---0 2 =nC0 + ^ H 20 ,
4
v 2

CO +^ 0 2 =C02.

The rate expression o f the single reaction is usually expressed by
three-parameter Arrhenius functional form (as described in Section 2.3)
—U

= A exp ^

) \ ^ ue^T [Oxidizerf,

where a, b are the concentration exponents.
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Chapter 3
Modeling HCCI Engines

The model described in this chapter is based on the first law of thermodynamics
and mass balances for an open system as described in Chapter 2. Steady-state
compressible flow relations are used to model the valve flow during the
induction and exhaust stages of the cycle. Two-step reaction mechanisms with
Arrhenius reaction rates are implemented in combustion chemistry modeling.
Cylinder wall heat transfer is modeled with Woschni’s heat transfer correction.

The model includes 10 states:
V, the cylinder volume,
6 , the crank angle,
T, temperature,
Q , transfer heat,
[Xf], the concentrations of species, including
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3.1 In-Cylinder Volume Rate
The only kind o f mechanical work performed on the cylinder volume is the
compression/expansion work forced by the rotation o f the crankshaft. The
volume change is solely a function of the cylinder bore B and the change of
vertical displacement dz which is governed by the geometry o f the crank
structure.

B
Piston

Figure 3.1 Diagram of geometry of the crank mechanism.

The geometry o f the crank mechanism is shown in Figure 3.1, and we can get

4

(3.1.1)

where V is the cylinder volume,
B is the cylinder bore.
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For a standard configuration of the crank mechanism with intersecting axes of
the piston and the crankshaft as displayed in Figure 3.1 the following relations
apply
z = a co s0 + 4 l 2 - a2 sin2 9 ,

where 9 is the crank angle,
a is half o f the stroke length,

I is the connecting rod length.

Then the cylinder volume change rate is
p. _

7tB2 d(axcos0 + 4 l 2 - a 2sin26)
4
dt

=

nB 2

a2sin 0 cos 0 ^
(axsin0+ ,
)6 .
4
4 12 - c t2 sin29

(3.1.2)

The derivative o f crank angle is
0 = 0),

(3.1.3)

where co is the rotating speed of the crankshaft, and satisfies
o) = 2ttN/60,

(3.1.4)

where N (rev/min) is the engine rotating speed.
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3.2 Mass Flow Rate
In thermodynamic combustion models the main interest in simulating the intake
and exhaust processes is to determine the instantaneous mass flow rates through
the intake and exhaust valves in order to deduce the trapped mass of gases in
the combustion chamber. Specific flow patterns such as swirl or tumble inside
the cylinder that can be created by the geometry of the intake manifolds are
generally neglected here.

In many parts o f the engine cycle, fluid flows through a restriction or reduction
in flow area. The valve, or valve and port together, is usually the most
important flow restriction in the intake and the exhaust system of four-stroke
cycle engines. Real flows of this nature are usually related to an equivalent
ideal flow. The equivalent ideal flow is the steady adiabatic reversible
(ffictionless) flow o f an ideal fluid through a duct of identical geometry and
dimensions. For a real fluid flow, the departures from the ideal assumptions
listed above are taken into account by introducing a flow coefficient or
discharge coefficient CD.

The mass flow through the valves consists of flow from intake manifold to
cylinder and flow from cylinder to exhaust manifold (See Figure 3.2). Flow
from exhaust manifold to cylinder is not considered in this thesis. Equations for
these mass flow rates are developed using compressible, steady state,
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one-dimensional, isentropic flow analysis for a restriction as described in
Section 2.2.

Inlet

Exhaust

Valve

Valve

(a)
Figure 3.2

(b)

Diagram of valve mass flows: (a) induction with intake valve open,
(b) exhaustion with exhaust valve open.

For the systems in Figure 3.2, the actual mass flow rate through a partly or fully
opened poppet valve can now be estimated by the relation
lh . CDAlPo f Pl ^
W

KPo

2r
y- 1

f

Y’ %
A
vA>y

(3.2.1)

where subscripts 0 and 1 represent the states before (upstream) and at the
smallest cross-section

of the throat

(valve),

respectively.

Al

is the

cross-sectional area of the throat, y is the ratio of specific heats (= cp/c v) . A
typical course o f CD as a function of valve lift can be found in Stiesch [2003].
For a fully opened poppet valve the discharge coefficient is usually around 0.7.
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For a given values o f p 0 and T0, the maximum mass flow occurs when the
velocity at the minimum area or throat equals to the speed of sound. This
condition is called choked or critical flow. When the flow is choked the
pressure at the throat, p x, is related to the upstream stagnation pressure p0 as
follows:
(3.2.15)
Po

u+ u

This ratio is called the critical pressure ratio. For a choked flow,
(3.2.16)

Hence, the mass flow rate is a function of the valve geometry, the gas properties
and the thermodynamic states before and at the valve, that are expressed
through the pressure ratio and the upstream temperature.

The mass flow through the valves consists of flow from intake manifold to
cylinder, mx, from cylinder to exhaust manifold, m2, and from exhaust
manifold to cylinder, m3 . The exhaust gas recirculation (EGR) is not
considered in this thesis, i.e., m3 = 0 , but can be included in the future work.
All the simulation results in this thesis are obtained without EGR.

In the HCCI engine model, for the mass flow of the reactant gas into the
cylinder through the intake valve, mt , p0 is the intake manifold pressure,
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assumed to be atmospheric, and p x is the cylinder pressure, p . For the mass
flow o f burnt products out of the cylinder through the exhaust valve, m2, p0
is the cylinder pressure, p , and p x is the exhaust manifold pressure, assumed
to be atmospheric.

3.3 Species Concentration Rate
The concentration of species i in cylinder can be expressed as

M =7->

<3-3 >)

where N, is moles o f species i in cylinder,
V is the cylinder volume.

The rate o f change o f concentration for species i , [X(] , is related to Nt , by

Vr /

dt
N y-N y

Nt

Ny

v2

V

V2

Substituting Equation 3.3.1 into the above equation yields
r v ij,

l * 'V

(3.3.2)

N
where - y -, the rate o f change of moles of species i per unit volume, has two
contributions: the rate of change o f moles of species i per unit volume due to
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the combustion reactions,

N.

; and due to flow through the inlet and exhaust

N.
valves (gas exchange processes), —J— , such that:
N£NL = 1JN.Li^.+-hSL_
V
V
V

(3.3.3)

N.
The combustion reaction rate, '^xn , is determined through the use of two-step
combustion chemistry mechanism, which will be outlined in Section 3.5. Given
the mass flow rates (mx and m2) from Section 3.2, the rate of change of moles
N.
of species i per unit volume due to flow through the valves, ~^rL>can be
found using the species mass fractions
N i,gx

N 1
_ -‘vi,

V ~ V

N /,2
V

(3.3.4)

where
= y __ ^
1,1MW, x V ’

(3 3 5)

N,
i± = Yi2 - 2— .
V
' MWt xV

(3.3.6)

V

Here mx is the mass flow rate from intake manifold to cylinder,
m2 is the mass flow rate from cylinder to exhaust manifold,
Yi X and Yi 2 are the mass fractions of species i in the inlet manifold
and exhaust manifold, respectively,
MWt is the molar weight of species i .
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It is assumed that a homogeneous mixture is present in the intake manifold with
A/F equivalence ratio known. Further, if using two-step reaction mechanisms,
there are five species in combustion products: C02, CO, H20 , N2 and 0 2.

3.4 In-Cylinder Temperature Rate

control volume boundary

m

region o f exhaust

region o f intake

W

Figure 3.3

Schematic illustration of an open control volume with transient
in- and out-flows.

In order to derive a differential equation for the temperature of the gas inside
the cylinder, the first law of thermodynamics for an open system and the ideal
gas law are combined. Generally, an open thermodynamic system with transient
in- and out-flows as shown in Figure 3.3 can be described by mass and energy
balances. The change of mass contained within the engine cylinder is equal to
the difference between all entering and exiting mass flows, min and mex
respectively:
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(3.4.1)
The energy balance (first law of thermodynamics) for the system in Figure 3.3
becomes
^

= Q- w +

(minhin) - Y {mexhex),
in

where

Q

(3.4.2)

ex

is the rate o f heat transferred to the system,

W is the rate o f mechanical work done by the system,
hm is the enthalpy o f species in the intake manifold,
and

hex is the enthalpy o f species in the exhaust manifold.

The energy consists o f the specific internal, kinetic, and potential energies, i.e.
(3.4.3)
where v and z are the velocity and elevation, respectively,
m is the mass o f species in the cylinder.
If changes in kinetic and gravitational potential energies of the mass contained
dE
in the system are neglected, the change in total energy — is equal to the
dt
dXJ
change in internal energy — and the above equation can be written as
dt
(3.4.4)

The work rate done by the system can be expressed as
W = m pv,

(3.4.5)

where v is the specific volume of the gases in the cylinder.
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Now, given that the enthalpy is related to the internal energy as
h = u +p v ,
then, Equation 3.4.4 yields
d[m (h p v )] = Q _ mpt + ' £ (rhinhln) - ^ {m jia ) .
Ml

in

ex

Rearranging the above equation, we have
d(m h)

.
.
=mpv + mpv + Q + 2 J(minhin) - ^ (mah„),

or
d(mh)
Clt

= m pV +

+^ + ^

Jft

jn

^

^

^

^

4 ^

&

Expansion o f the enthalpy to show the contributions of the species in the
cylinder can be represented as:
mh = H = ^ N f y ,
where

N, is the moles o f species i in the cylinder,
H

and

(3.4.7)

is the total enthalpy of species in the cylinder,

h, is the enthalpy of species i on a molar basis.

Noting that the rate o f change of enthalpy per unit mole of species i can be
represented as
ht =cp/ T ) x t ,
where, cp i(T) is the specific heat of species i per mole at temperature T .
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Then
d(mh)

d('y'iNlhi)

dt

dt
d [ v { ' £ [ x ,] i h

dt

dt

‘ rYXx^kMux^+YXx,}!,,
or
d (mh)

(3.4.8)

dt

In-cylinder pressure and its derivative can be related to the concentrations and
temperature through the ideal gas law as:
Y a r.RT
P = jL J —

„ r

.

= I ,[ X ,] ! tT .

(3.4.9)

Taking the derivative of Equation 3.4.9, we get

dt

=X[i,]/?r + X[X,p?7\
or

,

pY

\ X , \ oT

I M

(3.4.10)

T

Meanwhile, the in-cylinder mass and its derivative may be related to the species
concentrations, molecular weights and volume as:
™= e £ [ X ,] M ^ ,

(3.4.11)
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and
m = v Y l[X,^IW i + v Y [ X i'pW l .

(3.4.12)

Substituting Equations 3.4.10, 3.4.11 and 3.4.12 to the right side of
Equation 3.4.6
pV

d {m h )

-+

VY\X,tyfWt

dt

_

,

PV Y1X, ] ^

,

p 2 M +. -p t
v + Q

P V Z M

X [ * ,] w ,

pVT

IM

A

r

y (;h h

+ )- Z (»«A.)

X

*

_

y

f | .

«

A

X

“ e
(3.4.13)

Equating the right sides o f Equations 3.4.8 and 3.4.13 yields

vYXx&

M y [x^k+tYXx^c^T)
V

£ [ X , ] MW,

>

£[ X, ]

T

t ' v

j? '- ~ • ’

•>

Rearranging the above equation yields

a4l4)

Here we can get a differential equation for temperature from Equation 3.4.14,
that is
yYXx,]h,

pF
F

^ [ j,] Q
I M

F

? ^ 'A )
^

(3.4.15)
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3.5 Chemical Model of Combustion Process
Westbrook and Dryer [1981] derived two-step reaction mechanisms with
hydrocarbon fuels (as described in Section 2.3)
(3.5.1)

c o + ~ o 2= c o .

(3.5.2)

2 2

The rate expression of the single reaction is usually expressed by
three-parameter Arrhenius functional form (See Section 2.3)
= ^ exp ^

[Fuel]° [Oxidizer'f,

(3.5.3)

where A is the pre-exponential factor,
T is cylinder temperature,
Ea is the activation energy,
Ru is universal gas constant,
a, b are the concentration exponents,
The units are cm-sec-mole-kcal-Kelvins for parameters in Equation 3.5.3.

The rate o f the CO oxidation reaction has been taken from Dryer and
Glassman [1972] and has the value

In order to reproduce both the proper heat of reaction and pressure dependence
of the

[C0]l[C02] equilibrium, a reverse reaction was defined for reaction
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3.5.2, with a rate
d[CO]
dt

= 5xl08exp

-40
[C02}\
RT

(3.5.5)

The two-step mechanisms for ethanol/air mixture can be expressed as
C2H60 + 2 (0 2 + 3.773N2) -> 1C0 + 3>H20 + 7.546A2,

(3.5.6)

C O + ^0 2 ^ C 0 2.

(3.5.7)

The rate o f [C2H60] reaction is:

= -i— exp

'5*[02f ■

(3-5.8)

According to Westbrook and Dryer [1981], the pre-exponential factor
Aelhano, should be calibrated for some reference condition with comparisons
between computed and experimental data.

The rate o f [CO] reaction is:
4 C O f|
dt

d[CO\]
d[CO\
dt J-i
dt y+2

d[CO]
dt

lxlO146 *exp^-4^

r J*[CO]1*[H20 f 5 *[02f 25

- 5 x 108* exp ^ - 4 % T j*[C 02]\
(3.5.9)

By inspection o f Equations 3.5.6 and 3.5.7, the other reaction rates follow as:
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d [0 2\
dt

2 d[C2H60 \ | l ^ C O h
dt
2 dt SI

d[C02]
dt
d[CO]
dt
4 # 2o ]
dt

(3.5.10)

d [C O \
dt /2

(3.5.11)

2 d[C2H6Q] [ JfC O ]^
dt
dt SI’

(3.5.12)

3 </[c2/y6o]
dt

(3.5.13)

3.6 Wall Heat Transfer Rate
In the internal combustion engine the heat transfer is largely controlled by
forced convection, caused both by the piston motion and the combustion. Free
convection is insignificant in the engine. Radiative heat transfer in conventional
SI engines is small in comparison with convective heat transfer. However,
radiative heat transfer in diesel engines is not negligible; it contributes 20 to 35
percent o f the total heat transfer and a higher fraction o f the maximum
heat-transfer rate [Heywood 1988]. Based on the above reasons, the heat
transfer between the cylinder gases and the combustion chamber walls can be
due to both convection and solid body radiation which originates from hot soot
particles. However, in a thermodynamic combustion model only the convection
heat transfer mode is considered, since the temporally and spatially variable
distribution o f soot cannot be solved for with the assumption of an ideally
mixed combustion chamber. The effect of radiative heat transfer can only be
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approximated by an empirical augmentation of the convective heat transfer.

The convective heat transfer rate between the gas and the wall can be described
by Newton’s cooling law, we have:
Q = hAw{Tw- T ) ,
where

(3.6.1)

h is the convective heat transfer coefficient,
Aw is the wall surface area,

and

Tw is the mean wall temperature,
T is the cylinder gas temperature.

The heat transfer coefficient has been derived by many researchers by assuming
an analogy with a steady turbulent flow over a solid wall,where the ratio

of

convection heat transfer to fluid conduction heattransfer under thesame
conditions, i.e. the Nusselt number, is described in terms of the Reynolds and
Prandtl numbers o f the flow, e.g.
(3.6.2)
where L is the characteristic length,
v is the characteristic velocity,
/u is the dynamic viscosity,
k is the thermal conductivity,
cp is the specific heat,
p is the density,
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Re is the Reynold number
\

-P ^k.
V )

Pr is the Prandtl number
C , m and n are empirical constants that are determined by curve fitting
experimental data of wall heat transfer rates.

Probably the most widely used approach of this category is the one suggested
by Woschni [1967] who assumed an analogy between the cylinder flow and a
turbulent flow through a circular tube. The heat transfer in the engine is
controlled by three important physical influences: convection, radiation, and
influence o f the rapid change in gas temperature as a function of time. As the
gas velocity in the cylinder is high, it is here a question of forced turbulent fluid
flow. In this case the convective heat transfer obeys
Nu = C' Rem,
where C' is a constant and according to Woschni the value is 0.035. So the
above equation changes to:
Nu = 0.035 Rem.
Then
(3.6.3)
V M

Rearranging Equation 3.6.3 we get the heat transfer coefficient
h = 0.035 -----

kL~l .

(3.6.4)
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With the cylinder bore B taken as the characteristic length L, with v as a local
average gas velocity in the cylinder, and if

we

assume

k = k{T0J5

and

fj. - k2T062, where kt and k2 are constants, and p = p R T . We can get
/

\m

pvB
h = 0.035
kxT
Kk2T062RT j

B ,

rearranging yields
h = (0.035klk;mRm) p mvmBm-1T°75-162m .
In Equation 3.6.5,

(3.6.5)

, k2 and R are constants. Here we can assume
C = 0.035klk2mRm.

Then we can get
h = cB m~lp mvmT°'75~L62m.

(3.6.6)

The average cylinder gas velocity v is determined by Woschni
v=

C ,S ^ C t ^ r ( p - p , )

(3.6.7)

Pr r

where

Vd is the displaced volume,
Sp is the mean piston speed (= 2LN),
p is the instantaneous cylinder pressure (kPa),
p r , Vr , Tr are the working-fluid pressure, volume, and temperature at

some reference state (say inlet valve closing or start of combustion)
p m is the motored cylinder pressure at the same crank angle as p,
Cj and C2 are constants.
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The constant C in Equation 3.6.6 is taken as 127.93 according to Stiesch [2003]
after comparing with experimental data. Woschni’s correction, with the
component, m, in Equation 3.6.6, equals to 0.8. The wall heat transfer
coefficient can be summarized as:
h = 127.932?“° 2p°'8v08r _055,

(3.6.8)

with v defined in Equation 3.6.7.
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Chapter 4
Simulation Results of HCCI Engine Model

In this chapter simulated results for the HCCI engine model developed in
Chapters 3 are presented in comparisons with published experimental data.
Simulation results are discussed for cylinder pressure, cylinder temperature,
species change and parameter sensitivity. At the end of this chapter, predicted
results from a simulated HCCI engine running in 1 second will be shown.

4.1 Experimental Work by Other Researchers
Christensen and Johansson [1998] investigated the effect o f mixture quality on
HCCI combustion. The results of their experiments show that the mixture
quality has great influence on the HCCI combustion process. One of the fuels
they used in their experiments is ethanol, with three different fuel flow rates.
They measured the cylinder pressure for all operating conditions with and
without EGR. The cylinder pressure was recorded for 100 cycles, every 0.2
degrees o f crank angle with a pressure transducer mounted on the cylinder head.
The HCCI engine used in their experiments was converted from a Volvo
TD100 series diesel engine. The key engine parameters are summarized in
Table 4.1.
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Table 4.1

Geometric properties of the VOLVO TD100 engine [Christensen
& Johansson 1998]

Displaced Volume

1600 cm3

Bore

120.65 mm

Stroke

140 mm

Connecting Rod

260 mm

Inlet Valve Diameter

50 mm

Exhaust Valve Diameter

46 mm

Swirl Number

2.8

Exhaust Valve Open

39° BBDC

Exhaust Valve Close

10° BTDC

Inlet Valve Open

5° ATDC

Inlet Valve Close

13° ABDC

Table 4.2 Conditions of engine operation [Christensen & Johansson 1998]
A

B

C

Fuel Flow Rate (mg/cycle)

42.8

52.9

64.3

Inlet Temperature (K)

383

383

383

Boost Pressure (bar)

0

0

0

Comp. Ratio

18

18

18

1000

1000

1000

3.6

3.0

2.34

Case

RPM (rev/min)
Air/Fuel. Ratio, X

Table 4.2 summarizes conditions of engine operation at three different fuel flow
rates. The air/fuel ratio with Case C is a calculated result. In the real engine test,
the air/fuel ratio at the fuel flow rate of 64.3 mg/cycle is 1.5 with 30% EGR. To
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get an equivalent air/fuel ratio without EGR at this fuel flow rate, it is assumed
that the fuel is completely combusted to C 0 2 and H20 , and 30% of combusted
product, C 0 2, H20 , 0 2 and N2, is taken as more inducted air when calculating
the air/fuel ratio. As the air/fuel ratio in the real engine test maybe a little
different with the calculated one based on the above assumptions, it is
suggested that the simulated results with the fuel flow rate of 64.3 mg/cycle
should be taken as references.

The HCCI engine model described in this thesis adopted all o f engine parameters
and operation conditions from Tables 4.1 and 4.2 to make it possible to compare
the model simulation results with the experimental results published by
Christensen et al.

4.2 Simulation Set-up for HCCI Engine Model
The HCCI engine model developed in Chapter 3 is simulated using
Matlab/Simulink software. In this section, Simulink diagrams of the model are
shown and a description o f the simulation set-up is given.

Figures 4.1 is the Simulink diagram of the engine model with the engine
cylinder taken as a closed system. The model calculates compression,
combustion and expansion processes only. The intake and exhaust processes are
not included in the simulation. As the fuel flow rate with the experimental
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engine is specified as the amount per cycle (See Table 4.2), the simulated
results from the model in Figure 4.1 can be used to compare with experimental
data. The inputs o f the model in Figure 4.1 (or initial conditions) include fuel
flow rate, air/fuel ratio, engine speed (rpm) and initial temperature. The model
runs initially at the start of compression (BDC), where initial conditions are
defined. After compression and expansion, the model finishes running at the
end o f expansion (BDC). The model results, including cylinder temperature,
pressure, and species change, can be observed in output scopes (See Figure 4.1).
Comparisons and discussion of these simulation results will be shown in later
sections o f this chapter.

Figures 4.2 is the Simulink diagram of the engine model with the engine
cylinder taken as an open system, which means that the intake and exhaust
processes are calculated in this model. The model illustrated in this figure runs
like a real engine. The model inputs and outputs are shown in Figure 4.2. As the
dynamic breathing process is included, the model input o f fuel flow rate in the
closed-system model is not necessary in this model. The simulated results
running in time o f 1 second from this open-system model will be shown in
Section 4.7.
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Figure 4.1 Simulink diagram _ HCCI engine model (closed system)
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Figure 4.2 Simulink diagram _ HCCI engine model (open system)
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4.3 Comparison of Measured and Predicted Cylinder Pressure
In Figures 4.3(a), (b) and (c), predicted cylinder pressure profiles are compared
with measured pressure at three fuel flow rates, which are listed in Table 4.2.
All of the three cases are operated at an intake mixture temperature of 383 K
without boosted pressure. The air/fuel ratio decreases with higher fuel flow rate
(See Table 4.2). Compression ratio is kept at 18 and the engine speed is kept at
1000 rev/min for all operations.
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Figure 4.3(a) Comparison of predicted cylinder pressure with measured data as
function of CAD for the fuel flow rate of 42.8 mg/cycle.
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Figure 4.3(b) Comparison of predicted cylinder pressure with measured data as
function of CAD for the fuel flow rate o f 52.9 mg/cycle.
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Figure 4.3(c) Comparison of predicted cylinder pressure with measured data as
function of CAD for the fuel flow rate of 64.3 mg/cycle.
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By using this model, the essential characteristics of HCCI combustion are
captured and the ignition and combustion phasing are also predicted reasonably
well for three cases. The simulations track the compression and combustion
well for the fuel flow rates of 42.8 and 52.9 mg/cycle (See Figures 4.3(a) and
(b)). There is some error for predicting the combustion phasing at the fuel flow
rate o f 64.3 mg/cycle (See Figure 4.3(c)). However, recalling that the air/fuel
ratio used in this case is a calculated result, which maybe not in real test. It is
suggested that the pressure curve predicted here with the fuel flow rate of 64.3
mg/cycle is only used for reference. The predicted peak pressures for the fuel
flow rates o f 42.8 and 52.9 mg/cycle are nearly equal to the experimental data,
while the predicted peak pressure at the flow rate of 64.3 mg/cycle shows lower
than the experimental one. Cases A and B predict ignition within 1-2° of
experiments, while the Case C predicts ignition with about 5° difference.

Heywood [1988] pointed out that for a V-6 SI engine with the clearance volume
of 89 cm3, the percentage of the total crevice volume to the clearance volume is
about 3.5%. Here in this HCCI engine model, 5% of the air/fuel mixture is
accounted for the crevice flows and blowby. Even though, simulations still
exhibit a little problem at adequately matching the trapped in-cylinder mass in
compression stroke. Furthermore, it can be seen from Figures 4.3(a), (b) and (c)
that there are some differences between the calculated pressure curves and the
ones representing experimental data during the expansion stroke.
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Based on above observations, four explanations for the differences between the
calculated and the measured cylinder pressure can be given:

The first reason is that the model described here is a single-zone model, which
means the mixture in cylinder is homogeneous and fuel bums simultaneously in
the cylinder. Different authors have already pointed out that the gas mixture in
HCCI engines is not perfectly homogeneous, and the temperature and species
concentrations in the cylinder are not uniform in the real case. Aceves et al.
[2001] pointed out that the single-zone model has proven very successful in
predicting start o f combustion and providing reasonable estimates for peak
cylinder pressure, indicated efficiency and NOx emissions. For very accurate
predictions o f the engine operation (including expansion process), the
multi-zone model should be used although at the cost of longer running time.

The second explanation concerns the heat transfer model used. First, for
simplify the cylinder wall temperature Tw used in heat transfer model of this
work is assumed to be constant (500 K), which is variable in a real engine.
Second, it is still questioned whether the Woschni model is suitable for HCCI
combustion. Fiveland and Assanis [2000] write that the Woschni correlation
over-predicts heat transfer in a lean burning, premixed, non-sooting engine.
Although the simulated results from Figures 4.3(a) to (c) do not show similar
problem, how to improve Woschni’s heat transfer model in HCCI engine
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simulation should be investigated in future work.

The third is linked to possible errors in the cylinder pressure and fuel flow rate
measurements. And the fourth reason is that there is some error when
converting experimental data to softcopy.

4.4 Moles of Species before and after Auto-Ignition
The species mole numbers as a function of CAD are analyzed for different fuel
flow rates (See Figures 4.4(a), (b) and (c)). The cylinder temperatures at these
fuel flow rates are also plotted in these figures for analysis convenience. For all
different fuel flow rates, the main combustion takes place while sharp rise of
temperature is happening. The fuel is converted into products during the
interval from approximately -15 to 30 CAD for all three cases. With air/fuel
ratio decreases, the conversion duration lasts longer, as the flow rate of 64.3
mg/cycle in Figure 4.4(c).

Figures 4.4(a), (b) and (c) also show that ethanol bums in a sequential manner.
That is, the fuel is partially oxidized to CO and H2, which are not appreciably
consumed until all o f ethanol disappeared. Same phenomenon was observed for
methane oxidation in a turbulent flow reactor [Dryer & Glassman 1972]. The
combustion rate o f ethanol oxidation is very fast. The concentrations of ethanol
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Figure 4.4(a) Mole numbers of species before and after auto-ignition as well as the cylinder
temperature as function o f CAD for the fuel flow rate o f 42.8 mg/cycle.
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Figure 4.4(b) Mole numbers of species before and after auto-ignition as well as the cylinder
temperature as function of CAD for the fuel flow rate o f 52.9 mg/cycle.
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Figure 4.4(c) Mole numbers of species before and after auto-ignition as well as the cylinder
temperature as function o f CAD for the fuel flow rate o f 64.3 mg/cycle.

and oxygen decrease very quickly as the highest rise rate of cylinder
temperature happening.

Westbrook and Dryer [1981] pointed out that at adiabatic flame temperatures
typical o f hydrocarbon fuels (-2000 K) substantial amounts of CO and H2 exist
in equilibrium in combustion products with C 0 2 and H20 . In order to reproduce
both the proper heat of reaction and pressure dependence of the [CO]/[C02]
equilibrium, they also defined a reverse reaction for CO oxidation reactions.
Figures 4.4(a), (b) and (c) show that the [CO]/[C02] equilibrium ratio keeps
changing until the product temperature drops below a certain value. With higher
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product temperature (at the fuel flow rate of 64.3 mg/cycle), the [CO]/[C02]
equilibrium ratio keeps stable almost after ATDC 40 CAD. These figures also
show that the rapid rise in temperature occurs when the buffer of CO molecules
is quickly reacting to form C 0 2 molecules. The peak temperature happens at the
moment that C 0 2 concentration reaches the highest level.

4.5 Predicted Results with and without Heat Transfer
The Woschni’s heat transfer coefficient is implemented in the HCCI engine
model. The effects of heat transfer model on predicted pressure and temperature
are discussed in this section.

The in-cylinder gas pressure and temperature with and without heat transfer for
the fuel flow rate o f 42.8 mg/cycle ( X = 3.6) are shown in Figures 4.5 and 4.6.
Without heat transfer model, the ignition timing is advanced 3-4° CAD with
higher peak pressure and temperature. The predicted pressure and temperature
without heat transfer during expansion stroke are also higher than those with
heat transfer. In Figure 4.5, it can be seen that the predicted pressure without
heat transfer is about 2-3 bar higher than that with heat transfer at 30° ATDC. It
can be seen in Figure 4.3(a) that even with heat transfer the predicted pressure
is still higher than the experimental pressure about 4-5 bar at 30° ATDC.
Similarly in Figure 4.6, the predicted cylinder temperature without heat transfer
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is more than 100 K than that with heat transfer at 30° ATDC, which leads to
higher predicted exhaust temperature.

Similar effects can be found in Figures 4.7 and 4.8 for the fuel flow rate o f 52.9
mg/cycle (2 = 3). The predicted temperature without heat transfer in Figure 4.8
is almost 200 K higher than that with heat transfer.
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Figure 4.5

Comparison o f predicted cylinder pressure with and without wall heat
transfer as function of CAD for the fuel flow rate of 42.8 mg/cycle.
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Figure 4.6

Comparison of predicted cylinder temperature with and without wall heat
transfer as function o f CAD for the fuel flow rate of 42.8 mg/cycle.
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Figure 4.7

Comparison o f predicted cylinder pressure with and without wall heat
transfer as function of CAD for the fuel flow rate of 52.9 mg/cycle.
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Figure 4.8

Comparison of predicted cylinder temperature with and without wall heat
transfer as function o f CAD for the fuel flow rate of 52.9 mg/cycle.

Table 4.3 compares the predicted and experimental exhaust temperature for the
two fuel flow rates (42.8 and 52.9 mg/cycle). The cylinder temperate at the end
of expansion stroke (BDC) is taken as the predicted exhaust temperature, as the
exhaust valve o f the experimental engine opens at 39° BBDC and 10° BTDC
(See Table 4.1). It can be found that with heat transfer the predicted temperature
is about 100 K higher than experimental one. Without heat transfer, the
predicted temperature is higher than experimental data by about 200 K. It
seems that the single-zone model has some problems in predicting engine
operation in expansion stroke, although the single-zone model has proven very
successful in predicting start of combustion and providing reasonable estimates
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for peak cylinder pressure.

Table 4.3

Comparison of predicted and experimental exhaust temperature

A

B

Fuel flow rate (mg/cvcle)

42.8

52.9

Experimental temperature (K)

501

526

Predicted temperature with heat transfer (K)

610

652

Predicted temperature without heat transfer (K)

704

757

Case

The calculated peak temperatures with heat transfer are 1780 and 1910 K with
same ignition temperature of about 900 K for the fuel flow rates of 42.8 and
52.9 mg/cycle respectively. Such peak temperatures are significantly lower than
those in typical gasoline or diesel engines and are the main reason for the low
NOx emissions for the HCCI engine.

4.6 Sensitivity Analysis
The pre-exponential factor A in Arrehnius form should be calibrated for some
reference condition with comparisons between computed and experimental data
(See Section 3.5). Also the constant C in Woschni’s heat transfer coefficient is
adopted from a recent research result (See Section 3.6). The sensitivities of
model outputs on these two parameters are presented in this section.
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According to Westbrook and Dryer [1981], the pre-exponential factor

A

in

simulation should be calibrated for comparison with experimental data. After
comparing with the experimental data, the pre-exponential factor

A elhanol

in

Equation 3.5.8 is taken as 3.32x1010(gmol/cm3 - s ) . For studying the effect o f
the pre-exponential factor on model outputs, comparison of predicted cylinder
pressures and temperatures with different pre-exponential factors are illustrated
in Figures 4.9 and 4.10. Increasing 10% of
Aelhanoi

A ethano,

and decreasing 10% of

are tested in the model. The results are plotted in Figures 4.9 and 4.10.

At the same time, the motored pressure and temperature are also plotted as
baselines. The fuel flow rate of 52.9 mg/cycle is used in tests.
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Figure 4.9

Comparison of predicted cylinder pressures with different
pre-exponential factors (fuel flow rate: 52.9 mg/cycle).
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Figure 4.10

Comparison o f predicted cylinder temperatures with different
pre-exponential factors (fuel flow rate: 52.9 mg/cycle).

It is seen in Figures 4.9 and 4.10 that when increasing 10% of Aethcmol, the
ignition timing is advanced 1-2° CAD, and sharp pressure rise happens before
TDC. The peak temperature and pressure show a little higher with the increase
o f pre-exponential factor. Decreasing 10% o f Aelhanol shows reverse effects: the
ignition timing is retarded and peak temperature and pressure takes place after
TDC. There is no significant difference in exhaust temperature and pressure
either increasing or decreasing the pre-exponential factor.

The constant C in the heat transfer coefficient equation (See Equation 3.6.6)
can also be adjusted in simulation to represent the experimental results better.
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Here in the HCCI model, the constant C in Equation 3.6.6 is taken as 127.93
according to Stiesch [2003]. The effects of this constant on model results are
shown in Figures 4.11 and 4.12. Either increasing or decreasing 10% of C has
no obvious effects on combustion temperature and pressure. Combustion
timings in both cases change in less than 1° CAD. It is concluded that the
model output is less sensitive to the constant in heat transfer coefficient
equation.
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Figure 4.11

Comparison of predicted cylinder pressure with different heat
transfer coefficients (fuel flow rate: 52.9 mg/cycle).
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Figure 4.12

Comparison of predicted cylinder temperatures with different heat
transfer coefficients (fuel flow rate: 52.9 mg/cycle).

4.7 Predicted Results of Running HCCI Engine
Instead o f relying on idealized charging calculations to define the initial
conditions at the start of compression, the dynamic breathing process is
calculated in the HCCI engine model. The engine cylinder in this model is
taken as an open system. The detailed intake and exhaust models are described
in Section 3.2. In this section, the simulated results from the open-system
model are presented. The results with motored operations are also plotted for
comparison.
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Figures 4.13 and 4.14 are the predicted cylinder pressure and cylinder
temperature with the HCCI engine model running in 1 second. The engine
speed is 1000 rev/min, and the inlet mixture temperature is 383 K, as defined
previously. The air/fuel ratio is 3. The model starts at the beginning of
compression stroke (BDC). From Table 4.1, we know that the inlet valve closes
at 13° ABDC, which means that the intake valve is kept open only at 13 CAD
interval. The time for intake is so short that in the first engine cycle (0 - 0.12 s)
only very small amount of air/fuel mixture is inducted into the cylinder. The
corresponding cylinder pressure is far less than atmospheric pressure, as seen in
Figure 4.13. The pressure begins to increase until the inlet valve opens at 39°
BBDC at the second cycle. Because there is a little inducted air/fuel mixture in
the first cycle, it is not expected that ignition happens in the first cycle. In
Figure 4.14, the predicted temperature in the first cycle is motored temperature,
which means no combustion is happening at that time.
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Figure 4.13

Predicted cylinder pressure as function o f time for the simulated engine running.
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Predicted cylinder temperature as function o f time for the simulated engine running.
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For simulation simplification, the exhaust valve is assumed to be open until the
second engine cycle. This is why there are two temperature peaks in the first
cycle as in Figure 4.14. In a real engine experiment the second temperature
peak should not exist, instead the cylinder temperature should be the
atmospheric temperature as air is inducted into the cylinder from the exhaust
manifold when the exhaust valve opens. This simplification has no effects on
simulated results when engine reaches stable operation.

As the cylinder pressure is very low when the intake valve opens at the second
cycle, more air/fuel mixture is inducted into the cylinder during the second
intake process. In Figures 4.13 and 4.14 it can be seen that both the cylinder
pressure and the cylinder temperature are higher than those in preceding cycles.
After about 3 or 4 engine cycles, the engine reaches stable operation. The peak
cylinder pressure is kept at about 78 bar and the peak cylinder temperature is
kept at about 1800 K. The cylinder mixture temperature is assumed to be at
383 K from the time when inlet valve opens (39° BBDC) to the time when
compression stroke begins (BDC), which can be seen in Figure 4.14.

Some detailed engine parameters, such as the dimensions of intake port and
exhaust port, are needed to model the gas exchange processes accurately. Also
it is an approximation for using upstream or downstream pressure to represent
the pressure at the throttle position when modeling gas exchange process. In a
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real case, the pressure at throttle is normally lower than pressure in other
positions (See Figure 2.1). Based on above reasons, profiles in Figures 4.13 and
4.14 can not predict cylinder pressure and temperature as accurately as those
obtained in Figures 4.7 and 4.8 where air/fuel ratio of 3 is used.
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Chapter 5
Conclusions and Recommendations

This chapter consists o f two sections. In the first section, conclusions are drawn
from this work. In the second section, recommendations will be made for future
work.

5.1 Conclusions
This thesis develops a mathematic HCCI engine model to study the operation
process in HCCI engines. Dynamic breathing process is calculated in this
model instead o f relying on idealized charging calculations to define the initial
conditions at the start o f compression. Two-step reaction mechanisms are
implemented in combustion chemistry modeling where Arrhenius reaction rates
are used. Woschni’s correction is used to model cylinder wall heat transfer. The
goal o f this work is to accurately predict the phasing of HCCI combustion.

Simulated results from the HCCI engine model are compared with published
experimental data from one modified heavy-duty diesel engine. Three different
fuel flow rates are tested in this model. By using this model, the essential
characteristics o f HCCI combustion are captured and the ignition and
combustion phasing are also predicted reasonably well. The model predicts
accurate peak pressure and ignition timing at two fuel flow rates (42.8 and 52.9
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mg/cycle), and there are some errors of prediction at another fuel flow rate
(64.3 mg/cycle), at which the calculated and approximate model input is used.

The simulation also shows that ethanol is partially oxidized to CO and H2,
which are not appreciably consumed until all of ethanol disappeared. With
Woschni’s heat transfer model, the HCCI engine model predicts engine
operation better, especially at compression stroke. Without heat transfer model,
the predicted exhaust temperature is about 200 K higher than experimental data.

Sensitivity analysis shows that the predicted ignition timing changes 1-2° CAD
with 10% variation o f the pre-exponential factor in Arrehnius form of ethanol
oxidation reaction. On the other hand, the model output is less sensitive to the
constant in heat transfer coefficient equation.

Finally, the simulated engine running is presented in 1 second. The cylinder
conditions during transition are discussed. The simulated result shows that the
engine reaches a stable operation after 3 or 4 engine cycles with the peak
pressure and temperature kept at certain values.

5.2 Recommendations
The HCCI engine model illustrated in this thesis could be used to carry out
parametric studies and contributes to the development of the combustion control
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strategies, such as VCR and W T controllers. In future work, advanced valve
actuation strategies could be investigated to 1) induce HCCI over a broad range
of operating conditions without the need of throttle and 2) incorporate HCCI into
a multi-combustion-mode engine capable of meeting consumer demands for
power, efficiency and emissions.
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